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Abstract

The computational fluid dynamics (CFD) analysis of a low specific speed centrifugal
pump has been done. This work aims to improve the hydraulic performance of centrifugal
pump defined as efficiency and cavitation. The shear stress transport (SST) k-w turbulence
model which is RANS based model is employed for 3-D steady state analysis using Ansys
CFX. In the first part, the performance of impeller is moderately improved with the
parametric analysis of two design parameters: blade wrap angle and outlet blade angle.
The large wrap angle of the impeller blades reduces the shaft power consumption and
large outlet angle increases the head of pump marginally. In the second part, the two
different volutes with radial and tangential diffusers are analyzed. The volute with
tangential diffuser shifted the design condition towards higher flow rate with the
efficiency rise of 8.5% as compared to the baseline volute with radial diffuser. In the third
part, Rayleigh-Plesset model is used to investigate the two-phase cavitating flow. The inlet
blade angle is chosen as a design parameter to improve the cavitation performance of the
pump. The blade inlet angle affects the suction capability of the pump and therefore affects
the cavitating condition of the pump. The inlet angle of 18" enhanced the cavitation

performance giving NPSH of 1.12 m decline as compared to the baseline pump.

Keywords: centrifugal pump, specific speed, CFD, design parameters, efficiency,

cavitation
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circumferential or tangential velocity
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Chapter 1

Introduction

1.1 Background

Centrifugal pumps are commonly used in industries, irrigation and other domestic
applications consuming large amount of electrical energy. Therefore, extensive research
has been done to improve the optimized design of centrifugal pumps which greatly
contributes to energy conservation. For each point of efficiency rise, this can save a huge
amount of energy during the whole service life of pumps. The design of centrifugal pumps
based on 1-dimensional theory uses the steady-state condition, empirical data and design
experiences. Pump design methods recommended by Stepanoff, Pfleiderer, Newman and
Gulich are widely accepted by pump manufacturers. However, the detailed analysis of the

complex flow inside the pump is still required for optimum design.

The flow inside a centrifugal pump is 3-dimensional, turbulent and unsteady with
secondary flow losses and flow recirculation. The performance of the pump deteriorates
at off-design conditions and can severely reduce the life of pumps.

1.2 Literature Review

The first approach for the optimization design is to use traditional one-dimensional design
theory and now it has been advanced to three-dimensional design method. Inverse design
method proposed by Gulich [1] is widely used by pump designers which gives the optimal
geometry of the pump by defining the design conditions i.e. flow rate, head, and rpm.
Another approach is to optimally combine design variables like blade angles, meridional
shape etc. Xu et al. [2] in his research used CFD tools to find the combination of design
parameters by orthogonal method for optimal design of the impeller. Yuan et al. [3]
investigated the flow instabilities caused by cavitation through experimental means.
Donmez et al. [4] presented how cavitation can be resisted by varying blade inlet angles
on inner and outer streamline of blades. Tan et al. [5] examined the effect of blade wrap
angle on performance of centrifugal pump and verified it with experimental setup. Outlet

blade angles and wrap angle are significant parameters in optimization design of impeller



[6], [7]. Kim et al. [8] reduced the flow recirculation and cavitation using multiple design
variables such as meridional profile and incidence angles. Cheah et al. [9] investigated the
unsteady flow with pressure variations and unstable operation. The flow analysis of the
volute of centrifugal pump with low specific speed is studied by Keldar et al. [10]. Alemi
et al. [11] developed new multi-volute shape for radial thrust reductions in centrifugal
pumps.

Weidong et al. [12] studied the influence of impeller eccentricity on centrifugal pump. Fei
Zhao et al. [13] developed orthogonal method to optimize the impeller design. Combes et
al. [14] numerically studied the unsteady radial thrust in centrifugal pump. Zangeneh et
al. [15] developed a guideline for the design of centrifugal impellers with suppressed
secondary flows. Pedersen et al. [16] investigated the performance of pump impeller at
various operating conditions using Large Eddy Simulations (LES). Luo et al. [17]
investigated the unstable operation of centrifugal pumps using MPANS model. Zhao et
al. [18] improved the meridional shape optimization of centrifugal pumps.. Lettieri et al.
[19] investigated non-linear flow variations in high pressure pumps. Benturki et al. [20]
enhanced the efficiency and suction capability of centrifugal pump improvising NASA-II
algorithm.

Friedrichs et al. [21] experimentally studied the rotating cavitation in centrifugal pump
impeller by high speed camera techniques. Li et al. [22] found that pre-rotation in inlet of
impeller causes unsteady flow in the pump operating at part-load conditions. Magagnato
et al. [23] described the flow simulation in centrifugal pump using harmonic balance
method as faster method compared to other simulation techniques. Yang et al. [24] studied
the effects of volute curvature to improve the pump performance. Alemi et al. [25]
designed the spiral volute and analyzed the effects on the performance of low specific
speed pump operating at range of flow rates. Torabi et al. [26] presented vigorous
hydrodynamic design of volute to reduce the radial forces when pump operates at part-
load conditions. Spence at al. [27] studied the time varying pressure pulsations using
transient CFD simulations. Most of the studies take into account the optimization of radial
impeller by changing blade outlet angle and wrap angle [28], [29]. Grietzer [30] reviewed

2



all types of instabilities which are encountered in pumping systems. Wiesner [31]
reviewed different methodologies for the estimation of slip phenomena for centrifugal
pump impellers. Breugelmans [32] analyzed the effects of flow recirculation in the
centrifugal pump. Bradshaw et al. [33] investigated the influence of impeller suction
specific speed on vibration performance of centrifugal pump. Schiavello [34] discussed
various NPSH criteria, pump cavitation and impeller life expectancy. Hirschi et al. [35]
discussed the deterioration of pump performance due to cavitation appearing at leading
edge of the blades. Franz et al. [36] examined the excitation forces generated by cavitating
flow in the pumps. Bonaiuti et al. [37] presented multi-objective optimization technique
of turbomachinery blade design. Lorett et al. [38] critically analyzed the flow deviation

from impeller to volute at all operating points.

Computational fluid dynamics (CFD) is widely used in to investigate the flow through
turbomachines and helps in improvement of design methodology with significantly low
cost and less time. Unfortunately, domestic pump manufacturers in Pakistan are not using

this methodology to design centrifugal pump.
1.3 Objectives

This work aims to analyze the steady, 3-dimensional flow phenomena in a centrifugal

pump with low specific speed by computational fluid dynamics (CFD).

1. Extracting performance data of baseline centrifugal pump

2. Multi-objective performance enhancement design in terms of

a) Efficiency

b) Cavitation - Net positive suction head (NPSH)

3. To reduce hydraulic losses in impeller and volute of centrifugal pump
4. Recommending the suitable design parameters of impeller and volute

This will help in analyzing the flow losses in various components of the pump. The

optimum combination of design parameters of impeller and volute can significantly

3



reduce the flow losses which will ultimately improves the hydraulic performance of the

centrifugal pump. The methodology to improve the performance of centrifugal pump in

terms of efficiency and cavitation is shown in Fig 1.1.

Centrifugal Pump
Analysis

v
v v

Volute Flow Param(_etrlc
: analysis of
Analysis
Impeller

Spiral design and Varying blade
discharge nozzle wrap angle and

variation outlet angle

v v

v

Improved Pump
Efficiency

Varying blade
inlet angle

l

Improved
Cavitation
Performance

Figure 1.1 Methodology for flow analysis of impeller and volute of centrifugal pump

1.4 Thesis Outline

The following is a summary of the different chapters in this thesis.

Chapter 2 describes the turbulence model used in the simulation and computational grid

of the centrifugal pump components. In addition, boundary conditions are described for

both cavitating and non-cavitating conditions as well.
4



Chapter 3 discusses the flow characteristics inside the impeller. The effect of two design
parameters, wrap angle and blade outlet angle, on the secondary flow losses is
investigated. The performance of the impeller is improved by the best combination of

design variables.

Chapter 4 describes the centrifugal pump model with impeller, volute and
suction/discharge pipes are simulated. The volute design methodologies and the volutes

with radial and tangential discharge nozzles are discussed.

Chapter 5 shows the two-phase flow simulations due to cavitation. The NPSH of baseline

pump is improved by the variation of inlet blade angle to control inflow conditions.

Chapter 6 contains the conclusions and future recommendations to continue this research

work.

Chapter 7 describes the brief research work carried out in thermal energy lab of Oregon
State University USA.

Appendices The mathematical model of all the necessary calculations are given in
appendix A. In addition, the impeller design code (1-D) is also developed in Engineering
Equation Solver (EES) from the pump design reference Gulich [1] given in appendix B.



Chapter 2

Numerical Method

2.1 Centrifugal Pump Model

The pump model used in this project is a single stage centrifugal pump manufactured by
Golden Pumps Pvt. Limited. The specifications of the pump are given in Table 2.1. The
impeller is drawn in BladeGen ANSYS by defining the meridional shape, blade angles
and thickness. The volute is designed in CFTurbo by defining the volute rotation start
angle, inlet width, spiral outlet radius and cutwater position. The entire computational
domain consists of suction pipe, impeller, volute and discharge pipe shown in Fig. 2.2.
The computational domain does not include the fluid in the impeller and casing gaps. The
roughness of the material is not considered in the simulations and frictional losses will

only be due to the viscosity of fluid.

Specific speed is used to classify impellers on the basis of their performance regardless of

size and speed at which it operates.

Specific speed = N, = N% (2.1)

The pump is identified by the capacity, head and rotational speed. These parameters are
inter-related by specific speed which determines the impeller type and design. Specific
speed is also used in choosing the pump type i.e. radial, mixed or axial flow depending
upon the application of pump. The small size pumps as in this case should be of low

specific speed considering the economic limit and performance of the pump.

The meridional shape of impeller blades having low specific speed is purely radial and
having no sweep and lean at leading and trailing edge of blades. The hub and shroud
angles at any position of the blades are same. The bade angles at inlet and outlet are

obtained by circular arc as shown in Fig. 2.1.



Table 2.1. Geometric parameters of the test pump

Description Parameter Value
Design flow rate Q/(m3.h™1) 3.6
Head H/(m) 18
Rotation speed N/(rev.min™1) 2900
Specific speed N, 10.5
Number of blades z 6
Impeller inlet diameter D;/(mm) 42
Impeller outlet diameter D;/(mm) 130
Inlet blade angle B1/(®) 26
Outlet blade angle B2/(®) 36.5
Blade wrap angle ©/(®) 82

Figure 2.1 Isometric view of the impeller




Outflow

Volute

v

G |nflow

Impeller

Figure 2.2 3-D model of the computational

2.2 Reynolds Averaged Navier-Stokes (RANS) equations

The multiple frame of reference i.e. stationary and rotating are used, and the equations
must be organized in both frame of references. For three-dimensional incompressible
steady flow, the continuity and momentum equation can be written as follows:

aui
—= 2.2
ox, 0 (2.2)

P )



where

Sy, = —p[20 x i+ 3 x (G x )] (2.4)
_ (aui ou; @2.5)
‘[. . = —M — — .

Y ax] ax]

2.3 Shear Stress Transport (SST) turbulence model

Numerical calculations are done using CFX which solve 3-D Reynolds Averaged Navier-
Stokes (RANS) equations for steady incompressible flow [39]. The SST (shear stress
transport) turbulence model [40] is adopted which employs k-w model close to the wall

surface and k-& model in the passage flow.
2.4 Cavitation Model

The two-phase (vapor-liquid) flow occur inside the pump when the fluid’s static pressure
falls below its saturation pressure. The model established on Rayleigh-Plesset equations
Is used to examine the cavitating (two-phase) flow. This model executed in CFX involves
the nuclei radius which is assumed to be 1um. The two-phase flow is considered as a
homogeneous mixture having the same flow conditions. At inflow condition, vapor
volume fraction is assigned a zero value because vapors will generate within the impeller
as cavitation starts. The total pressure is lowered step-by-step at inlet while keeping mass
flow rate fixed at the outlet.

2.5 Computational Grids

The structured mesh (hexahedral) elements of the impeller are generated in Turbo-Grid
shown in Fig. 2.3. The mesh is carefully refined to satisfy the requirement of y*value
which is the dimensionless distance from the walls. y* < 1 is maintained at the wall
surface of hub, shroud and blade except the trailing edge to investigate flow in viscous

sublayer.



(a) Mesh of the impeller with refined leading

(b) Mesh of the volute

Figure 2.3 Computational domain of the model centrifugal pump

10



The mesh elements may affect the CFD results, that’s why grid independence test is
carried out. Five meshes of impeller are created varying from coarse to the finer grid. As
the mesh reaches 1,20,000 elements, the head does not change significantly as shown in
Fig. 2.4. Therefore, 1,20,000 mesh elements for a single passage is chosen in numerical

simulations of the model impeller.

31.5

31 T

Head [m]

30 +

L J
)

29 . L] L L] L L] . T
30000 80000 130000 180000 230000

Mesh elements

Figure 2.4 Mesh independence study

Structured mesh elements for the rectangular cross-section volute and inlet, outlet pipes
are also generated in Pointwise. Mesh elements of volute and inlet pipes are 1,503,026
and 141,659 respectively. These elements were fixed in the mesh independence study.

2.6 Boundary Conditions

The impeller blade and surfaces of hub and shroud are solid boundaries (smooth walls)

for the fluid flow subject to no-slip boundary conditions. Water at standard ambient

11



conditions (25°C) is used as a working fluid. The inlet boundary condition is defined by
total pressure and mass flow rate is set at the outlet. Operating the pump at various flow

rates, the pump performance curves are obtained.
2.7 Steady Flow Analysis

The steady flow analysis has been done in this work with stationary and rotating zone
because the flow in impeller is in rotating frame of reference and flow in volute casing
and suction/discharge pipes are in stationary frame. The intake pipe, impeller and volute
are connected by means of a ‘Frozen-Rotor’ interface. The numerical computation is

considered converged when the maximum residual 10~* is reached.

12



Chapter 3

Flow Analysis of Centrifugal Impeller

In this chapter, the impeller is simulated at various flow rates to analyze its performance.
The head curve of the impeller follows the trendline of test data as shown in Fig. 3.1 (a).
The CFD results cannot be compared in the values with the test data as the computational
domain contain consist of impeller only. Fig. 3.1 (b) shows the efficiency and shat power
requirement of the impeller. The performance curve shows the best efficiency point
achieves at 3.6m3/h. As can be seen, the impeller efficiency is already operating at 95%
efficiency at the design point, there is very little margin of improvement in its
performance. The velocity contours at part load condition, design condition and high flow
rate are analyzed to identify the secondary flow regions inside the impeller.

Centrifugal pump performance is described by plotting the head at various flow rates. A
characteristic curve also includes its hydraulic efficiency and shaft power for various flow

rates.

The suction head of pump is given as

b1 U
= —+—= 1
hy Zl+pg+2g (3.1)
and discharge head is
h2=22+&+u_% (32)
pg 29

Where z, and z, are the elevation head at suction and discharge with respect to pump

centerline and u,and u, is the velocity of fluid at suction and discharge respectively.

The pump dynamic head is the difference of discharge and suction head

po-p -l

H=2z,—
Zy Zq + 0g Zg

(3.3)
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Most of the cases, u; = u, and z; = z,, therefore the total head is equal to the difference
between pressure head at discharge and intake of the pump.

H = Ptot pytier ~ Ptotiniet
Pwater X g

(3.4)

The efficiency of the centrifugal pump is calculated on the basis of shaft power, flow rate
and total pump head

NMhyd = ——— (3.5)
Y T.0
45
r 820
40 —a—Test data  —A— CFD results (Impeller) 9 —e—Impeller Efficiency ~ —8—Shaft power
720
97
35 1
——
- —— 620
30 —~——_ —95 | E
- S
—_ - s 520 &
E s 9 Zoa - 3
= 3 420 %
2201 g o1 - E
= @n
15 320
89 1
10 r 220
5 87 120
0 85 20

0 1 2 3 4 5 6 7 0 1 2 3 4 5

6 7
Flow rate [m%/h] Flow rate [m%/h]
(@) Q-H curves (b) Efficiency and shaft power

Figure 3.1 Performance curves of the pump impeller

3.1 Selection of Design Variables

The important step is to choose the design parameters for optimization. The model pump
impeller blades were in cylindrical form (untwisted blades) i.e. the shape of the blade is
defined by a circular arc. Therefore, blade angles at hub and shroud and meridional shape

14



could not be varied. According to Euler’s turbomachine equation, the theoretical head of

centrifugal pump is defined by

1
Hyp = E (UzCp2 — U1Co1) (3.6)

where cg, and cy, are circumferential velocity of the fluid at impeller outlet and inlet
respectively which are linked with blade angles. With fixed impeller diameter and rpm,
the outlet blade angle has great impact on the head of pump. Therefore, outlet blade angle
is chosen as optimization design parameter. The blade wrap angle is also selected as design
parameter which controls the flow path.

3.2 Effect of Varying Blade Wrap Angle

The angle made by the tangent lines on leading and trailing edge of the blade defines the
blade wrap angle. The wrap angle is varied from 65° to 110°. A large wrap angle offers
controlled flow in the impeller by reducing the secondary losses (flow separation). But as
the wrap angle increases, the fluid has to undergo long flow path and produce more friction
losses. A small wrap angle generates short flow path with less frictional losses, but the
flow distribution is not uniform and higher secondary losses will occur. The relative
velocity contours on mid-span location of the impeller with different wrap angles are
shown in Fig. 3.2. The comparison of shaft power consumption at various flow rates is
shown in Fig. 3.3. In terms of hydraulic performance, the impeller with wrap angle 110°
offers relatively higher efficiency by reducing the shaft power consumption with marginal

loss in the head (due to higher frictional losses) shown in Fig. 3.4.
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Figure 3.2 Relative velocity contours at mid-span of impeller for different wrap angles
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Figure 3.3 Comparison of shaft power consumption for different wrap angles
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g
=
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Figure 3.4 Variation of head at different wrap angles

3.3 Effect of Varying Blade Outlet Angle

The blade outlet angle is varied from 22° to 50° to get its impact on head and efficiency of
the pump. The impeller with wrap angle of 110° has been simulated with varying outlet
blade angle. It can be seen from velocity triangle at impeller outlet in Fig. 3.5, cg,
increases with large outlet angle which is transferred to the fluid in the form of head.

—Qutlet 22°
- Qutlet 35°

w
. / — Outlet 50°

Wopg I C20
I+ Uy v

Figure 3.5 Velocity triangles at different blade outlet
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(a) Outlet 22° (b) Outlet 36° (c) Outlet 50°

Figure 3.6 Relative velocity contours at mid-span of impeller for different blade outlet

The relative velocity contours for different outlet angles are shown in Fig. 3.6. The
boundary layer (separation losses) minimize on suction side of the blades with increasing

outlet angle. With increase of outlet blade angle, head continuously increases as shown in
Fig. 3.7.

32
Original
31 - value
E
- 30
g
==
29 4
28 t+ + + t + t
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Figure 3.7 Variation of head at different blade outlet angles
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3.4 Performance Comparison of Optimal Impeller

By choosing the best design parameters of wrap angle 110° and blade outlet angle 50°, the

efficiency of the impeller is marginally improved by increasing the head and lowering the

shaft power consumption. The comparison in the performance of optimal and original

impeller are shown in Figs. 3.8 (a) and (b).
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Figure 3.8 Comparison of the performance of the original and optimal impeller
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Summary

In this chapter, the flow inside the impeller is investigated and the performance curves are
extracted at various flow rates. The design parameters namely the blade wrap angle and
blade outlet angle are varied to analyze its effect on the performance of the impeller. The
impeller with blade wrap angle 110° and outlet angle 50° produces a relatively better flow
in the impeller with 0.8m rise in head and 0.6% increase in efficiency.
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Chapter 4

Flow Analysis of Volute Casing

In this chapter, the flow in the pump is simulated with inlet pipe, impeller, volute casing
and outlet pipe. The full impeller is used in the computational domain because of the
asymmetrical volute outside the impeller as shown in Fig. 4.1. The inlet and outlet pipe
with appropriate lengths are used in the simulation to reduce the effect of boundary

conditions due to recirculation at inlet and outlet.

Velocity

19
‘ 17

15

(a) with asymmetrical volute (b) without volute

Figure 4.1 Relative velocity contours in pump with and without volute

The CFD results show that the pump head is close to the test data at low flow rates (part-
load operation) but deviates largely at higher flow rates. The main reason for high error in
the values at higher flow rates is the shaft power requirement. According to Golden Pumps
data, the pump is driven by 0.5 hp (370 W) induction motor. Fig. 4.2 (b) shows that at
BEP (best efficiency point) and above, power requirement increases from 315W to 470W,
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therefore, the predicted head is higher than baseline head. Also, the impeller sidewall gaps
are not included in the computational domain in which flow leakage occurs that further
produces the head loss. The performance curves of the centrifugal pump are shown in
Figs. 4.2 (a) and (b). The pump has efficiency of 69% at BEP and this shows that
secondary losses are higher in the volute as compared to impeller.
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Figure 4.2 Performance curves of the centrifugal pump
4.1 Flow Recirculation at Part load Conditions

The performance data shows very low efficiency of the pump operating at part load
conditions. This is due to sharp increase in shaft power consumption at this operating
condition. Due to impeller- volute interaction, the radial forces at impeller periphery occur
that suddenly increases the power absorption at part-load condition. In Fig. 4.3 (a) velocity
streamlines shows the flow recirculation from volute to inlet pipe. At higher flow rate,

smooth streamlines start from inlet, but the flow vortices appear at volute exit as shown
in Fig. 4.3 (b).

22



(a) Part load conditions (b) Design condition

Figure 4.3 Velocity streamlines at various operating conditions

4.2 Volute Design Methods

The first step in volute design is to calculate the spiral cross-sectional areas. The two
methods commonly used are constant velocity and constant angular momentum methods.
First is proposed by Stepanoff and second by Pfleiderer. The first method is mostly
preferred for low specific speed and second for high specific speed pumps. In this method,
the tangential component of absolute velocity at the impeller outlet is used the spiral

design.

The wrap angle of single volute is 360° and the clearance between impeller and cutwater
is very small (= 1mm) in this pump. The volute main dimensions are shown in Fig. 4.4.
Due to manufacturing constraints, the volute rectangular cross-sectional shape is not
changed. Other shapes may include circular, flat and trapezoidal cross-sections. The outer
diameter of the discharge nozzle will not be changed. The geometric dimensions of the

volute are given in Table 4.1.
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Figure 4.4 Volute main dimensions

Table 4.1. Geometric dimensions of the volute

Description Value
Radial Gap (mm) 1
Inlet width (mm) 5.5
Discharge nozzle height (mm) 121
Outlet diameter (mm) 31
Cutwater position (deg) 11

4.3 Radial Thrust due to Non-uniform Pressure Distribution

The non-uniform pressure generates radial thrust over the impeller circumference. The

radial thrust generated at various operating conditions are discussed below:
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1.

3.

At part load (Q < Qg .s) the volute area is larger for incoming flow from the impeller
so the fluid will be decelerated, and static pressure increases in the volute from
cutwater to throat area as can be seen in Fig. 4.5 (a). This non-uniform pressure around

the impeller periphery generates the maximum radial thrust at low flow rates.

At design flow rare (Q = Qges), the flow from impeller smoothly enters the volute
cutwater. The flow deceleration occurs smoothly, and the pressure distribution is
almost uniform. This will result in a very low radial forces around the impeller

periphery as can be seen in Fig. 4.6.

At higher flow conditions (Q > Qg.s) the volute cross sectional area is smaller for the
incoming flow from impeller. The flow will be accelerated downstream of the
impeller. The static pressure decreases in circumferential direction from a maximum
(stagnation pressure) at the cutwater. The approach flow angle to the cutwater is too
large (negative incidence) generating a flow separation in the discharge nozzle.

Pressure
420000

385600
351200
316800
282400
248000
213600
179200
144800
110400

76000
[Pa]

C .

(a) Low flow rate (b) High flow rate
Figure 4.5 Static pressure contours for different operating conditions
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Figure 4.6 Radial force acting on the periphery of the impeller at various flow rates

4.4 Volute with Different Discharge Nozzle

The discharge nozzle/diffuser of the volute may be radial or tangential and each can be
chosen depending on the application. Fig. 4.7 shows comparison of performance for
pumps with radial and tangential discharge nozzle. The static pressure contours and
relative velocity contours for radial and tangential nozzles are shown in Fig. 4.8 and Fig.

4.9 respectively.
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Figure 4.7 Comparison of the performance of pump with radial and tangential discharge nozzle
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(a) Tangential discharge nozzle (b) Radial discharge nozzle

Figure 4.8 Static pressure contours in pump at design condition with different discharge nozzle

Velocity

(a) Tangential discharge nozzle (b) Radial discharge nozzle

Figure 4.9 Relative velocity contours in pump at design condition with different discharge
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Summary

In this chapter, the hydraulic performance of the full pump model with volute is analyzed.
The asymmetric shape of the volute has significant impact on the flow field inside the
impeller and volute. The volute is redesigned to reduce the secondary losses. An iterative
process in which volute cross-section, spiral shape and discharge nozzle shape is changed
step by step to see their effect on the performance of the centrifugal pump. The significant
change is observed by changing the discharge nozzle type. The volute with tangential
discharge nozzle gains a substantial 8.5% efficiency and 3.2m head improvement as

compared to the original pump.
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Chapter 5

Cavitation Analysis of Centrifugal Pump

5.1 Cavitation

Cavitation is an important phenomenon to study in centrifugal pumps which disrupts the
primary flow due to vapor cavities inside pump. Intense cavitation can lead to material
erosion and produces noise and vibrations when the vapor filled ones (bubbles) implodes
on the material surface. In terms of improvement in cavitation performance, the inlet blade

angle is considered as design parameter as it directly influences the inlet flow conditions.
5.2 Net Positive Suction Head

Net positive suction head (NPSH) is the difference of total head at suction port and the
vapor pressure head of the fluid at given temperature.
P; Uinz Pv

NPSH = — + " ——
pPg 29 pg

(5.1)

where P;, and v;, are absolute inlet pressure and inlet velocity respectively; p is the
density and P, is vapor pressure (P,=3574 Pa at 25°C) of the fluid. The NPSHj is accepted
as a criterion of cavitation when the head drops by 3% of the actual head developing
without cavitation. The development of cavitation is simulated only at design flow
condition. For better cavitation performance, NPSH; must be small. When the static
pressure falls below the saturation pressure of the fluid, vapor cavities start growing at

various cross sections of the blades with different size and intensity.

As the cavitation phenomena is linked to static pressure, the first approach is to see the
static pressure distribution in the impeller without cavitation. Fig. 5.1 shows the blade
loading diagram in which static pressure variation is given along the streamline. At inlet
pressure of 1 atm, the pressure is dropped to 58,000 Pa near the throat area of blades.

Therefore, when the pump sucks the fluid from 5 m or below the surface of pump, the
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pressure at the inlet will already be dropped to about 30,000 Pa as calculated from the
Bernoulli’s equation. When this low-pressure fluid reached the throat area of the blades,

there is greater probability that pressure drops below the saturation pressure of fluid.
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Figure 5.1 Blade loading diagram for non-cavitating conditions

Vapor volume fraction

(@) Inlet pressure 12000 Pa (b) Inlet pressure 9000 Pa (c) Inlet pressure 8000 Pa

Figure 5.2 VVapor volume fraction for decreasing inlet
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For inlet total pressure equal to 20000, 16000, 12000 Pa, thin vapor cavities start to
develop at the suction side of blade near the leading edge. When lowering the total inlet
pressure to 9000 Pa, the long and thick cavities develop that disturbs the flow in impeller

as shown in Fig. 5.2.
5.3 Effect of Inlet Blade Angle on Cavitation

Initially, the head drop curve at inlet blade angle of 26° is drawn which shows sudden head
drop when lowering the inlet pressure reaches a certain level. The NPSH; of original
pump was 2.78 m. For better cavitation performance, NPSH must be low. The inlet angle
controls the inflow conditions in the impeller blades at different operating condition, is
selected as design variable to improve the cavitation phenomena. The inlet blade angle is
decreased from 26° to 18° and it showed positive effect on cavitation resistance. The head
drop curves with decreasing inlet blade angle is compared in Fig. 5.3. The NPSH; 1.66 m
for the optimal pump is achieved with inlet blade angle of 18°.

Inlet26° —e—Inlet 18°

e

=)
+
®
®

0 e
1000 6000 11000 16000 21000 26000 31000 36000 41000
Inlet Pressure [Pa]

Figure 5.3 Head-drop curves for varying blade inlet angles
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Summary

In this chapter, the two-phase flow inside the pump is investigated. The cavitation of the
pump is sensitive to inlet flow conditions. Therefore, the blade inlet angle is optimally
selected to improve the cavitation performance of the pump. For better cavitation
resistance, NPSH of the pump must be low. The NPSH of pump impeller with inlet angle
18° gives 1.12 m decline as compared to the baseline pump.
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Chapter 6

Conclusions and Recommendations

6.1 Conclusions

The CFD analysis of low specific speed centrifugal pump has been done to extract the

performance of the baseline model pump. This research work analyzes the flow field in

centrifugal pump by varying impeller design parameters and volute design shape to

improve its hydraulic performance. The sensitivity of pump performance on blade wrap

angle and blade outlet angle is observed.

1)

2)

3)

4)

5)

The impeller with large blade wrap angle of 110° significantly reduces the flow
separation occurring on the pressure side of the blades. Therefore, impeller with wrap
angle of 110° consumes the least shaft power. Also due to large flow passage between
the blades, the frictional losses are higher as compared to the original pump impeller

and head of the pump drops marginally.

The blade outlet angle being a sensitive parameter for the pump performance, as
described by the Euler equation, is varied from 22° to 50°. With large outlet angle, the

swirl component cg, increases which produces higher head of the pump.

The improved impeller design with blade wrap angle of 110° and outlet angle of 50°
gives an improvement in hydraulic efficiency of 0.6% rise as compared to original

impeller.

The asymmetric volute shape has a strong effect on the flow field inside the impeller.
The rotor-stator interaction produces non-uniform flow field which leads to radial

thrust acting on the periphery of the impeller at part load conditions.

The performance of pump volute with radial and tangential discharge nozzle is

compared. The best efficiency point of pump with tangential discharge nozzle shifts
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to high flow rate but gains a significant 8.5% efficiency rise as compared to radial
discharge nozzle.

6) The specific characteristics of asymmetric blade cavitating patterns at design flow rate
is observed. The cavitation performance is also improved by decreasing inlet blade
angle. The inlet blade angle of 18° gives NPSH; of 1.12 m decline as compared to

original pump.

6.2 Recommendations for Future Work

This research work mainly focuses to improve the hydraulic efficiency of centrifugal
pump at design condition. The flow analysis at off-design conditions especially stall
condition at part load operation is an important aspect to study that greatly impairs the

pump performance.

Also, the unsteady flow analysis gives the in-depth investigation of the flow behavior as
the impeller position continuously change with respect to cutwater. The pressure

pulsations, noise and vibrations are the problems that mostly encountered in the pumps.

In this work, the impeller side casing is not included in the computational domain. If the

leakage losses and axial thrust are to analyze, then this must be included in the domain.
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Chapter 7
OSU Research Work

7.1 Condensation Phase Change Module

The objective of condensation heat transfer facility is to study two phase flow regimes for
different refrigerants and to measure the heat transfer coefficient of different refrigerants.
In condensation heat transfer facility, subcooled liquid refrigerant is pumped with a gear
pump through a coiled tube and tube evaporator. At evaporator outlet, the sight glass
ensures the superheated state of refrigerant. This superheated refrigerant then enters the
test section, where it exchanges heat with water. The heat duty of test section can be
calculated from the counter flow water loop. In test section refrigerant is partially
condensed to study two phase flow and after exiting test section at 2, the two-phase
mixture is then fully condensed in the post tube and tube condenser before returning to
gear pump. A nitrogen charged piston accumulator was used to maintain the desired

saturated pressure.

Figure 7.1 Experimental setup for condensation test facility
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7.2 Supercritical Heat Transfer Facility

The objective of this facility is to experimentally determine the heat transfer coefficient
using supercritical carbon dioxide fluid in microchannels with non-uniform heat flux. In
supercritical carbon dioxide heat transfer facility, the fluid is pumped through a gear pump
through a Coriolis flow meter to measure the flow rate and it then enters the preheaters
where heat is provided to control inlet fluid temperature to test section. In test section non-
uniform heat flux is provided by cartridge heater and this flux is calculated using
thermocouples. Using resistance network and COMSOL simulations we can find heat
transfer coefficient. The hot vapor like fluid is then cooled in tube in tube post cooler and
then cycle is maintained by recirculating the fluid through loop by pumping it through
gear pump. A nitrogen charged piston accumulator was used to maintain the system
pressure. The data is then collected in LABVIEW software using DAQ card for data

acquisition.

Figure 7.2 Experimental setup for supercritical heat transfer
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7.3 Fluke Calibrator

In fluke calibrator, thermocouples are calibrated by comparing the data with the standard
thermocouple probe. First of all, standard thermocouple probe is dip in the silicon bath of
calibrator. Then the thermocouples to be calibrated, are dipped in that bath and data is
collected in the LABVIEW.

Figure 7.3 Test probe and fluke calibrator
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Appendices

A. Mathematical Calculations

"Golden Pump GMB-71-1/0.37"

g=9.81 [m/s"2]

T_in=25[C]

p_in=101.325 [kPa]

rho=density(WATER,T=T _in,p=p_in)

mu=viscosity(WATER,T=T _in,p=p_in)
p_v=p_sat(WATER,T=T_in)*convert(kPa,Pa)

P_elec=0.37[kW]

d_i=1.25[in]*convert(in,m) "Internal Pipe dia"

epsilon=0.0046 [cm]*convert(cm,m) "Absolute roughness of commercial steel"

"Suction [ift" "Head" "Volume flow rate"
z s[1]=8 [m]; H[1]=26 [m]; V_dot[1]=0 [m”"3/h]
z s[2]=7.5 [m]; H[2]=25 [m]; V_dot[2]=0.6 [m"3/h]
z s[3]=7 [m]; H[3]=23 [m]; V_dot[3]=1.2 [m"3/h]
z s[4]=6.5 [m]; H[4]=20 [m]; V_dot[4]=2.4 [m"3/h]
z_s[5]=6 [m]; H[5]=18 [m]; V_dot[5]=3.6 [m"3/h]
z s[6]=5.5 [m]; H[6]=14 [m]; V_dot[6]=4.8 [m"3/h]
z s[7]=5 [m]; H[71=11 [m]; V_dot[7]=6 [m"3/h]

"Assuming motor efficiency of 65% with 2900RPM"
eta_motor=0.65
P_bhp=(P_elec*eta_motor)*convert(kW,W)
Duplicate i=1,7

P_hyd[i]=rho*g*H[i]*V_dot[i]*convert(m”3/h,m"3/s)
eta_pumpli]=(P_hyd[i}/P_bhp)*100

V_dot[i]*convert(m”3/h,m"3/s)=pi*d_i*2*v_s]i]/4

"Determination of friction factor from Moody Diagram"
Rel[i]=rho*v_s][i]*d_i/mu

flil=Moodychart(ReJi],epsilon/d_i)

"Friction losses in suction piping"
h_flil=f[iT*z_s[il*v_s[i1"2/(2*g*d_i)

"Applying Bernoulli equation at suction port of the pump"
p_in*convert(kpa,pa)/(rho*g)=p_sli}/(rho*g)+v_s][i]*2/(2*g)+z_s[i]+h_f[i]

"Total pressure at inlet"
p_tot[i]=p_s[i]*+(rho/2)*(v_s][i])*2

"NPSH calculation”
NPSHA[i]=(p_tot[i]-p_v)/(rho*g)

End

SOLUTION

Unit Settings: SI C kPa kJ mass deg

di =0.03175 [m] ¢ =0.000046 [m] nmotor = 0.65

g =9.81 [m/s?] p =0.0008905 [kg/m-s] Pohp =240.5 [W]
Pelec =0.37 [kW] pin = 101.3 [kPa] pv =3169 [Pa]
p =997.1 [kg/m?] Tin =25 [C]

No unit problems were detected.
EES suggested units (shown in purple) for p_tot[1] p_tot[2] p_tot[3] p_tot[4] p_tot[5] p_tot[6] .
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Arrays Table: Main

Npump,i f; H; he; NPSHA, Phya,i Ps,i Ptot,i Re; vi
[m] [m] [m] W] [Pa] [Pa] [m3/h]
1 0 1.197E+33 26 3.479E-38 2.035 0 23076 23076 5.349E-32 0
2 16.95 0.03576 25 0.01908 2.516 40.75 27757 27780 7483 0.6
3 31.18 0.03068 23 0.0611 2.974 74.99 32171 32259 14967 1.2
4 54.23 0.0272 20 0.2013 3.334 1304 35425 35779 29934 2.4
5 73.21 0.02574 18 0.3956 3.64 176.1 37973 38769 44900 3.6
6 75.92 0.02492 14 0.6239 3.911 182.6 40012 41426 59867 4.8
7 74.56 0.02437 11 0.867 4.168 179.3 41730 43939 74834 6
Arrays Table: Main
Vs,i zs,i
[m/s] [m]
1 1.505E-36 8
2 0.2105 7.5
3 0.421 7
4 0.842 6.5
5 1.263 6
6 1.684 55
7 2.105 5
30 T T T T T T T T T T T 80
L N ]
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I c
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B. Impeller Design Code

Function factor(d_1m_dot,epsilon_lim)

If d_1m_dot<epsilon_lim Then

factor=1

Else
factor=1-((d_1m_dot-epsilon_lim)/(1-epsilon_lim))*3
Endif
End

"IDesign Conditions"

N=1450 "[RPM]"

Q_opt=200 [m"3/h]*convert(m”*3/h,m"3/s)
H_opt=20 [m]

g=9.81 [m/s"2]

rho=density(Water, T=20[C],P=101.325[kPa])
mu=viscosity(Water, T=20[C],P=101.325[kPa])
alpha_1=90 [degree]

"ITable 7.1: Impeller Calculation”

"Specific Speed"

f_g=1 "single entry impeller"

j=1 [m”0.75] "IFor unit conversion"
0=1 [s"0.5] "IFor unit conversion"

N_g=(N*sqrt(Q_opt/f_q)/(H_opt)*0.75)*0lj

"Assumed Hydraulic efficiency"

Q_ref=1 [m"3/s]

a=1

m=0.08*a*((Q_ref/Q_opt)*0.15)*((45/N_q)"0.06)
eta_hyd=1-0.055*((Q_ref/Q_opt)*m)-0.2%(0.26-log10(N_q/25))*2*(Q_ref/Q_opt)*0.1

"Impeller flow rate"

a_sp=0.15

m_sp=0.6

z_h=1 "Without balance holes"
Q_sp=Q_opt*a_sp*z_h/N_g*m_sp "leakage flow rate through seal at impeller inlet"
Q_e=0 "flow rate through axial thrust balancing device"

Q_la=Q_opt+Q_sp+Q_e

"Volumetric efficiency"
eta_vol=Q_opt/Q_la

"Shaft Dia"

tau_shear=450 [MPa]*convert(MPa,Pa) "Shear Strength of Stainless Steel (X20Cr13) 1.4021"
FOS=1.8

tau_al=tau_shear/FOS

P_max=rho*g*H_opt*Q_opt/eta_hyd

p=1[1/s] "IFor unit conversion"
omega=2*pi*N*p/60
d_w=((16*P_max)/(pi*omega*tau_al))*(1/3)

"Head Coefficient"

f t=1.1

N_q_ref=100
Si_opt=1.21*f_t*exp(-0.77*N_qg/N_q_ref)

"Impeller Outlet Dia"
d_2=(2/omega)*sqrt(2*g*H_opt/Si_opt)

"Number of blades"
z_la=5
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"Blade thickness"
e 1=0.018*d_2 "Leading edge"

e 2=e 1/2 "Trailing edge"

"Impeller Inlet Dia for minimum relative velocity"
f_d1=1.14

lambda_r=1 "Swirl number"
d_n=d_w+0.005[m] "Hub Dia"

d_n_dot=d n/d_2
d_1_dot=f_d1*sqrt(d_n_dot*2+1.48e-3*Si_opt*N_qg*1.33/(eta_vol*lambda_r)"0.67)
d 1 dot=d 1o/d_2

"Impeller inlet dia for inner streamline”
d_1i=d_n+0.006[m]

"ITable 3.1: Velocity triangle at Impeller inlet"

d_1b=(d_1o+d_1i)/2 "Arithematic average of diameters"
d_1m=sqrt((d_10"2+d_1i"2)/2) "Geometric average of diameters"
A_1=pi*(d_10"2-d_1i*2)/4

A_1=pi*d_1b*b_1

c_1m=Q_la/(f_q*A_1) "Meridional component of absolute velocity"
¢_1u=c_1m/tan(alpha_1) "Circumferential component of absolute velocity"

"Outer Streamline”

v=1[1/s] "IFor unit conversion"
u_1o=pi*d_10*N*v/60 "Circumferential Speed"
w_1o=sqrt(c_1m”"2+(u_1o-c_1u)*2) "Relative velocity"

phi_1=c_1m/u_10 "Flow coefficient"
beta_1o=arctan(c_1m/(u_1o-c_1u)) "Flow angle without blockage"

i_1=4 [degree] "Incidence"

beta_1b_o=beta_1o+i_1 "Blade Angle"
lambda_10=85[degree] "Effect of inclination (twisted blades)"
tau_1_o=(1-(z_la*e_1)/(pi*d_10*sin(beta_1b_o)*sin(lambda_10)))*(-1) "Blade blockage at inlet"
beta_1_dot_o=arctan(c_1m*tau_1_o/(u_1o-c_1u)) "Flow angle with blockage"

i_1 dot=beta_1b_o-beta_1 _dot o

"Mean Streamline"

u_1m=pi*d_1m*N*v/60

w_1m=sqrt(c_1m"2+(u_1m-c_1u)*2)
beta_1m=arctan(c_1m/(u_1m-c_1u))

beta_1b_m=beta_1_dot_m+i_1

lambda_1m=87[degree]
tau_1_m=(1-(z_la*e_1)/(pi*d_1m*sin(beta_1b_m)*sin(lambda_1m)))*(-1)
beta_1_dot_m=arctan(c_1m*tau_1_m/(u_1m-c_1u))

"Inner Streamline"

u_1i=pi*d_1i*N*v/60

w_1li=sqrt(c_1m"2+(u_1i-c_1u)"2)

beta_1i=arctan(c_1m/(u_1i-c_1u))

beta_1b_i=beta_1_dot_i+i_1

lambda_1i=90[degree] "No twist at inner streamline”
tau_1_i=(1-(z_la*e_1)/(pi*d_1i*sin(beta_1b_i)*sin(lambda_1i)))(-1)
beta_1_dot_i=arctan(c_1m*tau_1_i/(u_1i-c_1u))

"Outlet blade width"
b 2 dot=0.017+0.262*(N_qg/N_q_ref)-0.08*(N_qg/N_q_ref)*2+0.0093*(N_g/N_q_ref)*3
b_2 dot=b_2/d_2

"ITable 3.2: Outlet velocity triangle"
u_2=pi*d_2*N*v/60
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A_2=pi*d_2*b_2

c_2m=Q_la/(f_g*A_2)

phi_2=c 2m/u_2

lambda_2=90[degree]

tau_2=(1-(z_la*e_2)/(pi*d_2*"sin(beta_2b)*sin(lambda_2)))"(-1) "Blade blockage at outlet"

"Outlet Angle Beta is calculated on basis of slip factor"

epsilon_lim=exp(-8.16*sin(beta_2b)/z_la)

f 1=0.98

d_1m_dot=d_1m/d_2

k_w=factor(d_1m_dot,epsilon_lim)

gamma=f_1*k_w*(1-sqrt(sin(beta_2b))/z_la*0.7) "Slip factor"
H_opt=eta_hyd*u_2"2/g*(gamma-(Q_la/(f_q*A_2*u_2*tan(beta_2b)))*(tau_2+(A_2*d_1m_dot*tan(beta_2b)/(A_1*tan(alpha_1)
)))

Cc_2u=u_2*(gamma-(c_2m*tau_2/(u_2*tan(beta_2b))))
c_2=sqrt(c_2m”"2+c_2u”2)

w_2u=u_2-c_2u

w_2=sqrt(c_2m”*2+w_2u’2)

alpha_2=arctan(c_2m/c_2u) "Absolute outlet angle without blockage"
beta_2 dot=arctan(c_2m*tau_2/w_2u) "Relative outlet angle with blockage"
beta_2=arctan(c_2m/w_2u) "Relative outlet angle without blockage"
lambda_dot=beta_2b-beta 2 dot

lambda=beta_2b-beta_2 "Deviation angle"

"Blade Loading"

w_1_dot=w_10/u_2

w_2 dot=w_2/u_2
Xi_eff=2*pi*Si_opt/(eta_hyd*z_la*L_dot*(w_1_dot+w_2_dot))
Xi_al=(40/N_qg)*0.77

Xi_eff=0.12*Xi_al

L_dot=L_sch/d_2

"Throat Area"
w_1g=0.8"w_1m
A_19=Q_la/(f_g*z_la*w_1q)
A 1g=a_1t*b_1

"Blade distance at outlet"

t 2=pi*d_2/z la "pitch"
sin(beta_a2)=0.8"sin(beta_2b)
sin(beta_a2)=a_ 2o/t 2

"I'Table 3.6: Frictional Losses of rotating disk"

R=d_2/2

Re=rho*u_2*R/mu

d_sp=0.48*d_2

r_sp=d_sp/2

epsilon=0.15 [cm]*convert(cm,m) "Roughness of Galvanized Cast iron"
a_f=1

s_ax=0.02*d_2 "Sidewall gap"

phi_sp=Q_sp/(pi*R"2*u_2) "Flow coefficient in impeller sidewall gap"
f R=(log10(12.5/Re)/log10((0.2*epsilon/R)+(12.5/Re)))*2.15 "Influence of roughness of rotating disk"
f L=exp(-350*phi_sp*((R/r_sp)*a_f-1)) "Influence of leakage"

=1/(1+(r_w/R)"2*sqrt(((r_w+5*t_ax)/R)))
RR=(pi*R/(2*Re*s_ax))+(0.0625*(1-k_o)*.75*f _R*f L/Re”0.2) "Disk friction coefficient"
a=15[degree]

k_
k

o
3
o
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P_RR=k_RR*rho*omega’*3*R"5/cos(lamda)*(1-(R_n/R)"5)

"ITable 3.8(1): Hydraulic losses in Impeller"
w_av=(2*Q_la)/(f_g*z_la*(a_20*b_2+A_1q))
Re_imp=rho*w_av*L_sch/mu
c_f=0.136/(-log10(0.2*epsilon/L_sch+12.5/Re_imp))*2.15
D_h=2*(a_20*b_2+A_1q)/(a_1t+b_1+a_20+b_2)
c_d=(c_f+0.0015)*(1.1+4*b_2/d_2
2*g*Z_la_R/u_2"2=4*c_d*L_sch/D_h*(w_av/u_2)"2
2*g*Z_la_Clu_2"2=0.3*((w_1m-w_1q)/u_2)"2
Z_imp=Z_la_R+Z_la_C

~

"ITable 3.7(1): Leakage Losses through annular seal"
d_ref=100[mm]*convert(mm,m)
2*s/d_sp=0.004*(d_ref/d_sp)*0.53

L_sp=0.13*d_sp

H_p=(u_2"2-u_10"2+w_10"2-w_2"2)/(2*g)-Z_imp
y_sp=Re”0.3*s*d_sp/d_2"2*sqrt(s/L_sp)

k_rot_i=0.9*y sp”0.087
delta_H_sp=H_p-k_rot_i*2*u_22/(2*g)*(1-d_sp”2/d_2"2)

zeta_ea=1.1
zeta_k=1.1

"Friction power per side of rotating disk"

"Average relative velocity in impeller channel"

"Friction coefficient"

"Hydraulic diameter"
"Dissipation coefficient"

"Friction and mixing losses"

"Shock loss at impeller inlet"
"Impeller loss"

"Radial Seal clearance"
"Seal length"

"Static pressure rise in impeller"

"Rotation factor for radially inward flow"
"Pressure difference across seal"

"Inlet+Outlet loss"
"Loss per chamber"

"Combine Reynolds Numbers due to circumferential and axial velocity in sidewall gap"

u_sp=pi*d_sp*N*v/60
Re_u=2*s*u_sp*rho/mu
Re_a=2*s*c_ax*rho/mu
Re_c=sqrt(Re_a"2+Re_u”"2/4)

f=0.03 "IFig.3.14 Friction coefficient of Plain seal"
e=1[m] "IFor unit conversion"
c_ax=sqrt((2*g*delta_H_sp)/(zeta_ea+f*L_sp/(2*s)+zeta_k*(d_sp/e)*2*(s/e)"2)) "Axial velocity in sidewall gap"

Q_sp_i=pi*d_sp*s*c_ax

eta_h=H_opt/(H_opt+Z_imp)

Function factor (d1mgot €iim)

If (dimaot < &im ) Then

factor = 1

Else

d — &im |
factor = 1 — |—mdot = “im
1 - €im

EndIf

End factor

Design Conditions

N = 1450 [RPM]
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m°/s

Qut = 200 [m%h]- |0.000277778 - ———
pt [ ] m3/h

Hot = 20 [m]

g = 9.81 [m/s?
p = p(water, T=20 [C,P=101.325 [kPa])
p = Visc (water, T= 20 [C],P= 101.325 [kPa])
a1 = 90 [Degree]

Table 7.1: Impeller Calculation

Specific Speed
fq = 1 single entry impeller
i = 1 [m®"®] For unit conversion
o = 1 [s*°] For unit conversion

Qopt
Hopt J

Assumed Hydraulic efficiency

Q ref = 1 [mS/S]

a =1
0.15 0.06
4
m 008[0_] [_5]
Qopt Ng
m N 2 0.1
Mha = 1 — 0.055 - [&] - 02 - [0.26 - log [—qH : [&]
opt 25 Qopt
Impeller flow rate
as, = 0.15
mg = 0.6
z, = 1 Without balance holes
- Zh
Qsp = Qopt * agp - N, ™ leakage flow rate through seal at impeller inlet

q

Q. = 0 flow rate through axial thrust balancing device
QIa = Qopt + Qsp + Qe

Volumetric efficiency
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Q opt

Pa
Tshear = 450 [MPa]- | 1000000 - MPa Shear Strength of Stainless Steel (X20Cr13) 1.4021

Nvol = K
Shaft Dia
FOS = 1.8
Tshear
Ty =
2 FOS
Q
Pmax:p'g'Hopt'Lpt
N hyd
p = 1 [1/s] For unit conversion
o =2 -nm-N %
4 = [16 " Pom (173)
v T " O ° Tal

Head Coefficient
fi = 1.1
Ngrer = 100

Sippt = 1.21 - f, - exp [— 0.77 - s ]
Nq,ref

Impeller Outlet Dia
2 H
d, = —- 2-g- Lpt
(O] SIopt
Number of blades
Zag = 5

Blade thickness

e, = 0.018 - d, Leading edge
€1 .
e, = > Trailing edge
Impeller Inlet Dia for minimum relative velocity
fd1 = 114
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Ar = 1 Swirl number

d, = d, + 0.005 [m] Hub Dia

¢, = o
da
N 1.33
d1 = fd1 . dn2 + 0.00148 - Siopt ’ . 0.67
(T]vol © A )
d1 — d10
da

Impeller inlet dia for inner streamline
dy = d, + 0.006 [m]

Table 3.1: Velocity triangle at Impeller inlet

+ )
dyp = Tﬂ Arithematic average of diameters
2 + .2
dim = % Geometric average of diameters
d 2 - d 2
A1 = |: 1o 1i :|
4
Ay = - dyp - by
— QIa . . .
Cim = T A Meridional component of absolute velocity
q 1
_ C1im . . .
Ciw = 7—7 —~ Circumferential component of absolute velocity
tan (ou )
Outer Streamline
v = 1 [1/s] For unit conversion
v
U, = m - dy - N - 50 Circumferential Speed
We = v 2 2 . .
1o Cim- + (Ui, — cyqy )° Relative velocity
_ Cim , .
o1 = Flow coefficient
Uio

c
B1o = arctan [*] Flow angle without blockage
Uie — Cqy

iy, = 4 [Degree] Incidence

Bibo = P1o * iy

50


ALI
Typewriter
50


Ao = 85 [Degree] Effect of inclination (twisted blades)

_ Zia "~ €4

-1
Tl = [1 - n - dy - sin (ﬁmo)- sin (xm )]

Blade blockage at inlet

Br, = arctan [Cm : [Um Ti’OCm H Flow angle with blockage
= Bio = P,
Mean Streamline
U = 7 - dim - N %
Wim = \/C1m2 + (Upm — C )?

c
Bim = arctan [¢]
Uim — Cqy

= +
B1o,m B‘1m 1

Am = 87 [Degree]

Tim = [1 - Za " ©1 ]_1
' n - dyy - sin (Bﬂ),m)- sin (Mm)

T1,m
p1 = arctan [cm : [—H
m Uim — Cqy

Inner Streamline

U1i=TE'd1i'N'_

Wi = \/C1m2 + (uy = cqy )

e

By = arctan [01—”']

Ugi — Cqy
Bwi = B‘1i + iy
A1 = 90 [Degree] No twist at inner streamline

Zia "~ €4

e [1 T % - dy - sin (B ) - sin (A4 )]_1

1 = arctan [cm : [LH
! Usi — Cqy

Outlet blade width
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N Ny P N, T
b, = 0.017 + 0.262 - i _ 0.08 - [ 4 ] + 0.0093 - [ 4 ]
q,ref q,ref q,ref
b2 = b_2
d,

Table 3.2: Outlet velocity triangle

U2=TE'd2'N'_

c - QIa
2m fq K A2
Com
2 u,
A2 = 90 [Degree]

_ Zia " €

7o [1 " % - d, - sin (B ) - sin (xz)]_1

Blade blockage at outlet

Outlet Angle Beta is calculated on basis of slip factor

sin (Ba )]

eim = exp [— 8.16 -

Zja
f1 = 0.98
d1m
ds =
m d2

ky = factor(dam, €lim )

sin
y = fi - ky - [‘I - %b)} Slip factor
Zja
2
) QIa
H Mhyd Yy — T2 t Ay - dy
oot g [ fq - Ay - Uy - tan (ng) "

C2 = Com + Cou
W, = Uz — Cyy

- 2 2
Wy = Com  + Wy
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[c
o2 = arctan 2m] Absolute outlet angle without blockage
L ~2u
B2 = arctan |c,, - w2 ] Relative outlet angle with blockage
2u
[c
B2 = arctan Wm] Relative outlet angle without blockage
L YV2u
A = Bw — P2
A = Bao — P2 Deviation angle
Blade Loading
w, = Wio
Uz
w, = Y2
u;
Si
Gt = 2w -
Nhya * Zia = L (wy + w,)
40 0.77
gal = |:_:|
Nq
et = 0.12 - Eq
|: - I-sch
d,
Throat Area
Wi = 0.8 - wyp,
A1q = QIa
fq © Zia ~ Wqq

Blade distance at outlet

tZ—TC'

itch
Zja P

sin (Ba2 ) = 0.8 - sin (B )

A
ty

sin (Ba )
Table 3.6: Frictional Losses of rotating disk

d
R = -2
2
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d
rep = 25p
e = 0.15 [cm]: ‘0.01 —‘ Roughness of Galvanized Cast iron
as = 1
Sax = 0.02 - d, Sidewall gap
dsp = + Flow coefficient in impeller sidewall gap
T ° R b U2
125 2.15
log Re
fr = Influence of roughness of rotating disk
€ 12.5
log|0.2 - — +
R Re
R
fL = exp [— 350 * dsp - [[ ] - 1“ Influence of leakage
Fsp
tax = Sax
r =R
d
R, = 2”
1
ko = 5
1+ T [ ry +5  ty
R R
_ ) R ) 175 . L . L -
ke = 7 o——————+ 00625 - (1 - k) fr o5~ Disk friction coefficient
2 - Re - sy Re ™
lamda = 15 [Degree]
R® R, I
Prr = krr " p - 0l — |1 - . Friction power per side of rotating disk
cos (lamda ) R

Table 3.8(1): Hydraulic losses in Impeller

2 : Q|a
w = Average relative velocity in impeller channel
o q " Za (aZO " by + A1q ) J Y P

Lsch
Reimp = p o Way -/
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0.136
Cs =
12.5
+

[— log [0.2 :
Lsch Reimp

A% by + Ay
D, = 2 - .
h [a“ + b, + ay + by Hydraulic diameter

H“s Friction coefficient

b
cg = (cf + 0.0015) - [1.1 + 4 - d_z] Dissipation coefficient
2
z L Wa T
2-g- L‘; = 4 - ¢y . [ﬁ] Friction and mixing losses
u Dy, uz
2
V4 w Wi [P
2-g- ch = 0.3 [ im 1q] Shock loss at impeller inlet
Us Uz
Zip = Ziar + Ziac Impeller loss
Table 3.7(1): Leakage Losses through annular seal
dref

100 [mm] - ‘0.001 L‘
m

s d.. Toss
2 - = 0.004 - [ﬁ] Radial Seal clearance
dsp sp
Lo = 0.13 - dg,  Seal length
2 _ 2 + 2 _ 2
H, = s u102 Wio W2 _ Zin, Static pressure rise in impeller
"9
d s
= Re 03 | s - sp_ .
Ysp d22 Lo
Koty = 0.9 -y, *®"  Rotation factor for radially inward flow
2 l-]22 dsp2 .
Susp = Hp = Keoti” - 2 g B Pressure difference across seal
2
Cea = 1.1 Inlet+Outlet loss
Ck = 1.1 Loss per chamber
Combine Reynolds Numbers due to circumferential and axial velocity in sidewall gap
v
usp =7 dsp - N a
Re, = 28 uy - —
n
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Re, = 2 s cy - —
p
R2
Re, = Reaz+%

f = 0.03 Fig.3.14 Friction coefficient of Plain seal

e = 1 [m] For unit conversion

2 - g - 8H,sp

d

Hopt

nhn = —— - Efficiency after including all flow losses

H opt + Zimp

SOLUTION

Unit Settings: SI C kPa kJ mass deg
a =1

a2 = 13.6 [Degree]
Atq =0.001699 [m?]
A2 =0.02158 [m?]

af =1

B1bi = 80.13 [Degree]
B1ibo =29.83 [Degree]
B1m = 33.97 [Degree]
B1doti = 76.13 [Degree]
B1.doto = 28.78 [Degree]
B2b = 35.86 [Degree]
Ba2 = 27.95 [Degree]

b2 =0.02643 [m]

cim =4.648 [m/s]
c2=11.14 [m/s]

c2u = 10.83 [m/s]

cd = 0.01291

SHsp = 5.087 [m]

d1i =0.02267 [m]
dim,dot = 0.3496

d1,dot = 0.4866

Dh =0.03967 [m]
dndot = 0.06414

dsp = 0.1248 [m]

e =1 [m]
glim = 0.3844

nhyd = 0.9184

e1 =0.004678 [m]
f=0.03

f1 =0.98

fL =0.7042

56

2
s
+ f - P4 . sp B
Gea 2-s G [e] [e

]2 Axial velocity in sidewall gap

a1 =90 [Degree]

A1 =0.01216 [m?]

a1t =0.03273 [m]

a2 = 0.07654 [m]

asp = 0.15

B1bm =0.4014 [Degree]
B1i = 69.68 [Degree]

B1o = 25.83 [Degree]
B1dotm =-3.599 [Degree]
B2 =16.39 [Degree]
B2dot = 16.78 [Degree]
b1 =0.05191 [m]

b2,dot = 0.1017

c1u = -2.008E-07 [m/s]
c2m =2.619 [m/s]

Cax = 6.741 [m/s]

cf = 0.007069

dib = 0.07458 [m]

dim =0.09087 [m]

d1o=0.1265 [m]
d2 =0.2599 [m]
dn =0.01667 [m]
dref =0.1 [m]

dw =0.01167 [m]
¢=0.0015 [m]

nh = 0.7482

nvol = 0.9829

e2 =0.002339 [m]
FOS =1.8

far =1.14

fq =1
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fr = 4.509

g =9.81 [m/s?]
Hopt =20 [m]

i1 =4 [Degree]

j =1 [m®79]

kroti = 0.5568

kw =1

At =90 [Degree]
Ao = 85 [Degree]

% =19.08 [degree]
lamda = 15 [Degree]
Lsch = 2.732 [m]

m =0.1251

Msp = 0.6

Ng =36.14

o =1 [s%9

p =1 [1/s]

¢2 =0.1327

Pmax = 11847 [W]
Qe =0 [m¥s]

Qopt = 0.05556 [m/s]
Qsp =0.0009684 [m?¥s]
R =0.13 [m]

Rea = 2982

Reimp = 1.654E+07
p =998.2 [kg/m’]
rsp = 0.06238 [m]
s =0.0002219 [m]
sax = 0.005198 [m]
t1,m =-0.09335

T2 = 1.025

tshear = 4.500E+08 [Pa]
tax =0.005198 [m]
uim = 6.899 [m/s]
u2 =19.73 [m/s]

v =1 [1/s]

wim = 8.318 [m/s]
W1g = 6.655 [m/s]
w2 =9.284 [m/s]
w2,dot = 0.4705

al =1.081

ysp = 0.004008
k=11

Zimp = 6.732 [m]
Ziac =0.04232 [m]

No unit problems were detected.

ft =1.1

vy =0.7369

Hp =9.823 [m]

i1,dot = 1.049 [Degree]
ko=0.4772

krr = 0.003351

A =19.47 [degree]
Aim = 87 [Degree]
22 =90 [Degree]
=1

L =10.51

Lsp = 0.01622 [m]

p =0.001002 [N-s/m?]
N = 1450

Nq,ref =100

o =151.8 [1/s]

o1 =0.484

dsp = 0.0009249
PRR = 449.5 [W]

Qia = 0.05652 [m%/s]
Qref =1 [m¥s]

Qspi =0.0005864 [m?/s]
Re = 2.556E+06

Rec = 3644

Reu =4190

Rn =0.008335 [m]
rw = 0.13 [m]

Siopt = 1.008

i =1.5

Ttlo = 1.135

tal =2.500E+08 [Pa]
t2 =0.1633 [m]

uti = 1.721 [m/s]
u1o = 9.603 [m/s]
usp = 9.472 [m/s]

wi1i = 4.956 [m/s]
wio = 10.67 [m/s]
w1,dot = 0.5406

wau = 8.907 [m/s]
wav =6.076 [m/s]
Eeff = 0.1298

Cea =11

zh =1

Za =5

ZiaR =6.69 [m]
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Abstract— This paper aims to provide a numerical
method approach to centrifugal pump manufacturers
in Pakistan. Nowadays Computational fluid dynamics
(CFD) is widely used to investigate the flow through
turbomachines. In this research, centrifugal pump
impeller of low specific speed (N,=10.5) is
numerically investigated to study the flow phenomena
and achieve better hydraulic performance through
parametric analysis. The shear stress transport (SST)
turbulence model is employed to solve 3-D steady RANS
equations using CFD solver CFX (ANSYS). The volute
hydraulic losses are calculated by loss coefficients
predicted by Gulich [1] using Engineering Equation
Solver (EES) program. The CFD results show the trend
validated with the test data. Two design parameters
blade wrap angle and outlet blade angle are considered
as design parameter which greatly affect the hydraulic
performance (head and efficiency). Additionally, a
three-dimensional Rayleigh-Plesset model is also
applied to investigate the cavitation (two-phase) flow
inside the pump. The inlet blade angle is chosen as a
design parameter to resist the cavitating flow inside the

pump.

Keywords— Centrifugal pump, specific speed, numerical
methods, design parameters, cavitation

. INTRODUCTION

Centrifugal pumps are commonly used in industrial
applications, domestic and irrigation, consuming large
amount of electrical energy. Therefore, extensive research
has been done to improve the optimized design of
centrifugal pumps which greatly contributes to energy
conservation.

The first approach for the optimization design is to use
traditional one-dimensional design theory and now it has
been advanced to three-dimensional design method. Inverse
design method proposed by Gulich [1] is widely use by
pump designers which gives the optimal geometry of the
pump by defining the design conditions i.e. flow rate, head,
and rpm. Another approach is to optimally combine design
variables like blade angles, meridional shape etc. Xu et al.
[2] in his research used CFD tools to find the combination
of design parameters by orthogonal method for optimal
design of the impeller. Yuan et al. [3] investigated the flow
instabilities caused by cavitation through experimental
means. Donmez et al. [4] presented how cavitation can be
resisted by varying inlet blade angles on both hub and
shroud. Tan et al. [5] studied the effect of wrap angle on

head and efficiency of centrifugal pump and verified it with
experimental work. Outlet blade angles and wrap angle are
significant parameters in optimization design of impeller
[6,7]. Kim et al. [8] reduced the flow recirculation and
cavitation using multiple design variables such as
meridional profile and incidence angles.

Computational fluid dynamics (CFD) has successfully
contributed to the prediction of flow through turbomachines
and helps in improvement of their design with significantly
low cost and less time. Unfortunately, domestic pump
manufacturers in Pakistan are not using this methodology to
design centrifugal pump. This project aims to provide them
the methodology for optimization design of centrifugal
pump which will ultimately improve the pump performance
and saves electrical energy. Impeller being the integral
component of centrifugal pump that transfers the
mechanical energy into hydraulic energy is selected in this
research work for optimization. Firstly, the impeller is
simulated at given flow rates to get the performance curves
and then optimized design of impeller is proposed by
varying the design parameters.

The low specific speed single-stage volute type
centrifugal pump is selected for this research project. All the
geometric parameters of the pump were provided by Golden
Pumps. The important step is to choose the design
parameters for optimization. The model pump impeller
blades were in cylindrical form (untwisted blades) i.e. the
shape of the blade is defined by a circular arc. Therefore,
blade angles at hub and shroud and meridional shape could
not be varied. According to Euler’s turbomachine equation,
the theoretical head of centrifugal pump is defined by

1
Hep = p (uzce2 — UqCp1) 1)

where cg, and cg, are circumferential velocity components
of the fluid at impeller outlet and inlet respectively which
are linked with blade angles. With fixed impeller diameter
and rpm, the outlet blade angle has great impact on the head
of pump. Therefore, outlet blade angle is chosen as
optimization design parameter. The blade wrap angle is also
selected as design parameter which controls the flow path.
Cavitation is an important phenomenon to study in
centrifugal pumps which causes flow disturbance due to
vapor cavities inside the pump. Intense cavitation can lead
to material erosion and produces noise and vibrations when
the vapor filled ones (bubbles) implodes on the material
surface. In terms of improvement in cavitation performance,
the inlet blade angle is considered as design parameter as it
directly influences the inlet flow conditions.



Il.  PROBLEM STATEMENT
A. Centrifugal Pump Model

For simplicity, the fluid flow through the impeller is
investigated by numerical methods and flow losses inside
the volute are calculated by the 1-dimensional loss model
predicted by Gulich [1]. The detailed geometric parameters
of the pump impeller are given in Table 1. The impeller
geometry is drawn in Blade-Gen ANSYS by defining the
meridional blade shape, blade angles and thickness.

Specific speed is used to classify impellers based on their
performance regardless of size and speed at which it
operates.

3.65N,/Q
Nq = H3/4 @)

Table 1. Geometric parameters of the test pump

Description Parameter Value
Design flow rate Q/(m3.h7Y) 36
Head H/(m) 18
Rotation speed N/(rev.min™%) 2900
Specific speed Ny 10.5
Number of blades Z 6
Impeller inlet diameter D, /(mm) 42
Impeller outlet diameter D, /(mm) 130
Inlet blade angle B1/(%) 26
Outlet blade angle B2/ (%) 36.5
Blade wrap angle ©/ 82

B. Numerical Method

Numerical calculations are done using the CFD program
CFX (ANSYS) to solve 3-D steady Reynolds-Averaged
Navier-Stokes (RANS) equations. The SST (shear stress
transport) turbulence model is adopted which employs k-w
model close to the wall surface and k-& model in the
passage flow. The impeller blade and wall surfaces are
subject to no-slip boundary conditions. Water at standard
ambient conditions (25°C) is used as a working fluid. Due
to the rotational periodicity, single passage of the impeller
is modeled to avoid the more computational time
requirements. The inlet boundary condition is defined by
total pressure and mass flow rate is used at the outlet.

C. Cavitation Model

The two-phase (vapor-liquid) flow occur inside the pump
when the fluid’s static pressure falls below its saturation
pressure. The model established on Rayleigh-Plesset
equation is used to examine the cavitating flow. This model
executed in CFX involves the nuclei radius which is
assumed to be 1um. The two-phase flow is modeled as a
homogeneous mixture having the same flow conditions. At
inflow condition, vapor volume fraction is assigned a zero
value because vapors will generate within the impeller as
cavitation starts. The total pressure is lowered step-by-step
at inlet while keeping mass flow rate fixed at the outlet.

Net positive suction head (NPSH) is the difference
between total pressure head at the pump inlet and the vapor
pressure head of the fluid.

. .2
NPSH = Zin 4 Zin” _ Po 3)
pg 29 pg

where P;, and v;, are absolute pressure and velocity at
pump inlet respectively; p is the density and P, is the vapor
pressure (P,=3574 Pa at 25°C) of the fluid. The NPSH; is
accepted as a criterion of cavitation when the head drops by
3% of the actual head developing without cavitation.

D. Computational Domain and Mesh

The structured mesh (hexahedral) elements of the
impeller are generated in Turbo-Grid shown in Figure 1.
The mesh is carefully refined to satisfy the requirement of
y*value. The y*below 1 is maintained at the wall surface
of blade, hub, and shroud to investigate flow in viscous
sublayer. The mesh elements effect the CFD results, that’s
why grid independence test is carried out. Five meshes of
impeller are created varying from coarse to the finer grid.
As the mesh reaches 1,20,000 elements, the head does not
change significantly as shown in Figure 2. Therefore,
1,20,000 mesh elements for a single passage is chosen in
numerical simulations of the model impeller.
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Figure 1. Structured mesh of impeller with refined leading edge
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Figure 2. Mesh independence test
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Figure 3. Pump performance curves (Q-H curves)

I1l.  VOLUTE Loss MODEL

The fluid’s kinetic energy is converted into static pressure
when flow exits from the volute. The spiral volute of model
pump has a rectangular cross-section with a radial type
diffuser at the exit.

The hydraulic losses inside the volute are calculated
through the 1-dimensional prediction model presented by
Gulich [1]. The calculations are done using Engineering
Equation Solver (EES) programming.

The coefficient for the volute loss is given as:

$vot =8F +8s+¢pc+4p 4

The volute loss coefficient consists of the coefficient for the
losses by friction, shock, deceleration and in the diffuser.

The coefficient for the friction loss is given as:
_ 0 3
&p = u—zz(cf +0.0015)c%AA (5)

where AA is the wetted surface.
The coefficient for shock loss is given as:

b2
& = Qo imp” (Tz - b_i) (6)
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Figure 4. Hydraulic efficiency and shaft power
The coefficient for deceleration loss is given as:
C3q C3q 2
fDC=a+bC—+c — (7)
2 C2
The coefficient for diffuser loss is given as:
2
Cx 1
=9 (1_c — )
=25(1-¢— 1> ®)
Total head loss in the volute is
_ EporXu3
Hipss = ©)

2g
where u,is the circumferential speed at the impeller outlet.

IV. NUMERICAL RESULTS AND DISCUSSION

Centrifugal pump performance is described by plotting
the head at various flow rates. A characteristics curve
includes its hydraulic efficiency and shaft power, both of
which are plotted against the various flow rate as shown in
Figure 3 and Figure 4.

H = Ptotoucter~Ptotiniet (10)
PwaterXd
_ PYQHtot
NMhya ==~ (11)

¢) Wrap 110°

Figure 5. Relative velocity contours on mid-span section of the impeller with varying wrap angle
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The combined results of CFD and volute loss model
shows that the pump head is close to the test data (baseline)
at low flow rates (part-load operation). The main reason for
high error in the values at higher flow rates is the shaft
power requirement. According to Golden Pumps data, the
pump is driven by 0.5 hp (370 W) induction motor. Figure
4 shows that at BEP (best efficiency point) and above,
power requirement increases from 315 W to 470 W,
therefore, the predicted head is higher than baseline head.
Also, the impeller sidewall gaps are not included in the
computational domain in which flow leakage occurs that
further produces the head loss. But the results follow the
trend of baseline at design and off-design conditions which
can be a good approximation to optimize the impeller.

A. Effect of Blade Wrap Angle

The angle made by the tangent lines on leading and
trailing edge of the blade defines the blade wrap angle. The
wrap angle is varied from 65° to 110°. A large wrap angle
offers controlled flow in the impeller by reducing the
secondary losses (flow separation). But as the wrap angle
increases, the fluid has to undergo long flow path and
produce more friction losses. A small wrap angle generates
short flow path with less frictional losses, but the flow
distribution is not uniform and higher secondary losses will
occur. The relative velocity contours on mid-span location
of the impeller with different wrap angles are shown in
Figure 5. In terms of hydraulic performance, the impeller
with wrap angle 110° offers relatively higher efficiency by
reducing the shaft power consumption with marginal loss in
the head (due to higher frictional losses). The shaft power
consumption at higher flow rates is shown in Figure 6.

——Outlet 22°
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— Outlet 50°

0 s

|
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Figure 9. Velocity triangle at impeller exit for different outlet angles
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B. Effect of Outlet Blade Angle

The outlet blade angle is varied from 22° to 50° to get its
impact on head and efficiency of the pump. The impeller
with wrap angle of 110° has been simulated with varying
outlet blade angle. With increase of outlet blade angle, head
continuously increases as shown in Figure 7. It can be seen
from velocity triangle at impeller outlet in Figure 9, that cg,
is higher with large outlet angle which is transferred to the
fluid in the form of head. The impeller with wrap angle of
110° and outlet angle of 50° is the optimal one. The head
and efficiency improvement of the original and optimal
impeller is shown in Figure 8.

C. Effect of Inlet Blade Angle on Cavitating flow

The development of cavitation is simulated only at design
flow condition. For better cavitation performance, NPSH,
must be small. The static pressure contours on mid-span of
the impeller without cavitation are shown in Figure 10.
When the static pressure falls below the saturation pressure
of the fluid, vapor cavities start growing at various cross
sections of the blades with different size and intensity.

Initially, the head drop curve at inlet blade angle of 26° is
drawn which shows sudden head drop when lowering the
inlet pressure reaches a certain level. The NPSH; of
original pump is 2.78 m. The inlet blade angle which
directly influences the cavitation phenomenon is decreased

Pressure

l 290106

"
-
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161344
135592
109839
84087

58334

Figure 10. Static pressure contours on mid-span of impeller
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Figure 11. Head drop curves with varying inlet angles

from 26° to 18° and it showed positive effect on cavitation
resistance. The head drop curves with decreasing inlet blade
angle is compared in Figure 11. The NPSH5 of 1.66 m for
the optimal pump is achieved with inlet blade angle of 18°.

For inlet total pressure equal to 20,000, 16,000, 12000P4a,
thin vapor cavities start to develop at the suction side of
blade near the leading edge. When lowering the total inlet
pressure to 10,000Pa, the long and thick cavities develop
that disturbs the flow in impeller. The optimal pump
impeller shows a strong resistance towards cavitation as
shown in Figure 12.

V. CONCLUSIONS

This research work analyzes the flow pattern in the
centrifugal pump impeller and its effect on the
performance. This study gives the parametric analysis of
certain design variables to achieve better hydraulic
performance. The impeller with wrap angle of 110°
consumes the least shaft power while the outlet blade angle
of 50° gives the maximum head. The optimal impeller gives
an improvement in hydraulic efficiency of 1.6% rise as
compared to original impeller. The cavitation performance
is also improved by decreasing inlet blade angle. The inlet
blade angle of 18° gives NPSH; of 0.82 m decline as
compared to original pump.

Some of the recommendations for future work are to
include other pump components like volute and impeller
sidewall gaps in the computational domain for more
accurate results. The stall condition at part-load operation
is an important aspect to study that greatly impairs the
pump performance. The unsteady flow in the volute causes
flow distortion in the impeller as well. The volute curvature
and cutwater design also have great influence on hydraulic
performance of the centrifugal pump. The investigation of
radial and axial thrust acting on the impeller is vital for
appropriate sizing of shaft and bearings.
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Figure 12. Vapor volume fraction with (a) Inlet angle 26° (b) Inlet angle 18°
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